A Study of an under hood automotive air-conditioning component for the purposes of noise and vibration reduction by DePasquale, Charles
Rochester Institute of Technology
RIT Scholar Works
Theses Thesis/Dissertation Collections
6-1-1997
A Study of an under hood automotive air-
conditioning component for the purposes of noise
and vibration reduction
Charles DePasquale
Follow this and additional works at: http://scholarworks.rit.edu/theses
This Thesis is brought to you for free and open access by the Thesis/Dissertation Collections at RIT Scholar Works. It has been accepted for inclusion
in Theses by an authorized administrator of RIT Scholar Works. For more information, please contact ritscholarworks@rit.edu.
Recommended Citation
DePasquale, Charles, "A Study of an under hood automotive air-conditioning component for the purposes of noise and vibration
reduction" (1997). Thesis. Rochester Institute of Technology. Accessed from
A STUDY OF AN UNDER HOOD AUTOMOTIVE AIR-
CONDITIONING COMPONENT FOR THE PURPOSES OF
NOISE AND VIBRATION REDUCTION
by
Charles H. DePasquale
A Thesis Submitted In
Partial Fulfillment of the
Requirements for the
MASTER OF SCIENCE
in
Mechanical Engineering
Approved by:
Professor
---------Dr. Kevin Kochersberger
Thesis Advisor
Professor_--------
Dr. Joseph Torok
Committee Member
Professor _
Dr. Wayne Walter
Committee Member
Professor _
Dr. Charles Haines
Department Head
DEPARTMENT OF MECHANICAL ENGINEERING
COLLEGE OF ENGINEERING
ROCHESTER INSTITUTE OF TECHNOLOGY
JUNE 1997
A STUDY OF AN UNDER HOOD AUTOMOTIVE AIR-
CONDITIONING COMPONENT FOR THE PURPOSES OF
NOISE AND VIBRATION REDUCTION
I, Charles DePasquale, hereby deny permission to the wallace Library of the
Rochester Institute of Technology to reproduce my thesis in whole or in part.
Date: June 24, 1997 Signature of Author _
ABSTRACT
All automotive components are engineered to be as quiet and smooth
running as possible. This takes into account structure borne noise as well as air
borne noise. A standard air conditioning compressor is analyzed statically (out-
of-vehicle testing) in this study to better understand noise and vibration traits.
Mode shapes of the compressor, associated with noise, are extracted in an
operating frequency range and shown to be modeled after a simple two degree
of freedom system. Bearing free play in the pulley is cited as another possible
source of noise. Lastly, with the use of theoretical damping, the sound pressure
measurements around the unit are reduced. Future recommendations are
discussed.
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1. INTRODUCTION
As with most equipment manufacturers today, noise and vibration is a
major issue. The equipment that is smoothest running and most pleasant to
hear run is the most desirable. This is very much the case in the automotive
industry. Most passenger vehicles are ranked and judged on their cabin
quietness and comfort. For this reason it is pertinent that all under hood
components are quiet and smooth running through all phases of their operation.
With this in mind an automotive air conditioning compressor is the topic of
this study. In the passenger cabin of a vehicle equipped with the compressor a
resonating sound is heard. The audible noise heard is very faint to the
passengers. In order to clearly identify this noise the air conditioning
compressor can be cycled on and off repeatedly for a comparison. Other critical
conditions, such as very high head pressure, have to be maintained in order to
produce the noise. From previous testing it was confirmed that the noise was
originating from the compressor. A frequency range of 200 Hz to 1 000 Hzwas
also determined from earlier testing to be the critical frequency range where the
compressor excitation is found. The acoustical noise heard in the passenger
compartment of a vehicle seems to be coming from the duct work in the dash.
This noise is a result of structure borne noise created by the compressor. It is
too difficult to tell if acoustical noise is directly radiated from the compressor due
to the overwhelming engine noise.
Earlier testing included various acceleration type tests as well as performance
testing and sound pressure testing. As a result, this study was designed as the
static form or more specifically the compressor was tested in a stand alone setup
without A/C lines hooked up or pulley rotating. Therefore the terminology of
static is used due to the compressor not rotating or not in an A/C system at the
time of testing. The static testing in this study is intended to supplement
dynamic testing performed at the manufacturer. Dynamic testing would be
testing while the compressor is in it's standard running condition.
To further examine possible noise sources, several means of testing are
used in this study. The tests used are selected in order to characterize all
aspects of the compressor's vibration performance. This includes modal testing
in which mode shapes are identified and examined as well as raw acceleration
data and microphone measurements. A method for mathematically modeling the
compressor is posed in which system parameters are studied such as stiffness
and mass. From a mathematical model and means of testing to be discussed,
conclusions are drawn for possible improvements. A suggestion is also made to
the manufacturer of the compressor to verify all results of this study with dynamic
testing.
The findings of this study are believed to play a role in the attributed
noise and vibration of this compressor. The idea of structure borne noise versus
air borne noise is the reason why accelerometer and sound pressure
measurements are taken in this study. Any knowledge that this study provides
to further the understanding of such a unit is of benefit to the manufacturer. As
stated earlier, this study is targeted for the frequency range of 200 Hz to 1000
Hz. With this in mind, all measurements made during testing are intended to
analyze this frequency range.
2. HISTORICAL REVIEW
A literature search was undertaken to find technical papers and other
publications that related to the topics involved in this study. As a result, several
papers were compiled from various conferences and engineering publications.
The topics of the literature range from mathematical models to modal testing
techniques. Different state of the art concepts and approaches are discussed.
A literature search pertaining to rotor bearing systems revealed two main
categories. The first category dealt with mathematical models or theoretical
concepts. An engineer that is designing a compressor from scratch would be
very interested in this initial section. These publications deal with using
vibration parameters such as mass, stiffness and damping to create a design
which has inherent vibration characteristics. As every manufacturer knows, the
cost of making many iterations of a product design is very expensive. If an
engineer has various tools at his or her disposal to aid in the design process, the
number of design iterations can be reduced. Concurrent engineering where
concerns for vibration performance are expressed early in the design phases
can be very effective for cost savings as well as time savings.
The next category of publications found are those which a test engineer
might find of great value. Various programs and techniques are proposed which
an engineer could use to evaluate a product which is well beyond the design
phase. For example if a product which is already in production is found to have
some noise or vibration attributed with it, the concepts discussed in this section
could aid in problem identification and corrective action. The act of fully
understanding the vibration problem is usually the greatest obstacle for an
engineer to overcome.
Based on the fact that this study is of a rotating machine, the greatest
information was found under the title of rotor dynamics. The compressor
analyzed can be classified as a rotor system. During early design phases of a
compressor, mathematical models which are capable of evaluating the vibration
performance of a design would be very valuable. Such a model can be created
in the computer program discussed in Amini and Sankar [1]. Here a program is
discussed which allows an operator to change system parameters such as
damping and support stiffness in order to monitor natural frequencies. The
program is designed to put an emphasis on the analysis of critical speeds as
well as peak unbalance and instability. There also exists models in literature
which were formulated for specific applications.
A model found in Chang and Shiau [4] has a specific focus of analyzing
geared rotor systems. This model uses a finite element method to determine
bending-torsion natural frequencies and mode shapes of geared rotors. As
discussed in the paper, the most valuable trait of this model is the capability of
handling up to 81 elements. Another piece of work from literature with a specific
focus is El-Marhomy and Schlack [5]. A model is proposed by these authors
which uses Liapunov's direct method to analyze elastic rotor bearing systems.
A model comprised of a continuous elastic shaft mounted on two 8-coefficient
bearings is used to show the effect of system stiffness and damping parameters.
Figure 2.1 is a diagram of the 8-coefficient bearing model used in this paper.
FIG 2.1: 8-Coefficient Bearing Model
This bearing model is worth mentioning because all work in El-Marhomy and
Schlack [5] revolves around bearing performance. Modeling of the bearings in a
system is crucial to understanding noise and vibration characteristics.
As stated earlier most papers in literature have very specific goals and
objectives. Huang and Wang [10] discuss a model which combines the finite
element method, transfer matrix method, time marching numerical integration
and Houbolt numerical method to analyze the dynamic behaviors of a rotor
bearing system. The created model accounts for rotary inertia, gyroscopic
phenomenon, shear deformation, internal damping and squeeze film bearing.
The paper presents several plots which seem to show component orbits as a
result of vibrations. Lee, Shih and Kang [14] also examines rotor bearing
systems but they use a state variable approach in a continuous sense to derive
their method of analysis. The proposed model uses the transfer matrix method
(TMM) to analyze steady state responses. The real benefit of this method is it
works in the frequency domain which allows for little use of computer memory.
Kahraman and Singh [12] pose a mathematical model which is capable of
analyzing nonlinear geared rotors with multiple clearances. This work is of great
importance to transmission designers. Vibration characteristics can be identified
for various designs before the first part is produced. This has great potential in
today's industries which have a high priority on good vibrational performance
and efficient, design-to-manufacture cycle time. Zu and Ji [22] present a similar
model which also analyzes nonlinear geared rotor systems. The model
described by these two authors is derived from the transfer matrix method with
the shaft of the system being modeled by the Timoshenko beam theory. This
method is known for it's ability to solve for only those parameters which were
initially unknown.
Structure borne noise through rolling element bearings is discussed by
Rook and Singh [17]. The paper specifically examines the effect of casing size
relative to bearing size. A model where the casing is an order of magnitude
larger than the bearings is compared to another model where the casing is of the
same general size as the bearings. A discussion is made of how the hole which
the bearings are pressed into effects the casing structure. Bearing stiffness for
both ball bearings and roller bearings is discussed. Rotor bearing systems use
both of these variations in today's applications.
Moving from the design type literature to that of current product
improvement, results in topics of equal value.
Blaschke and Ewins [3] propose a technique for checking model
correlation. This technique would be used to compare a mathematical model to
an experimental model of a rotating machine. An automotive alternator is
presented to demonstrate the technique. The proposed concept is derived from
the MAC ( modal assurance criteria ) coefficient. The authors discuss
advantages over the MAC and COMAC ( Co-ordinate assurance criteria ) as well
as how this technique would be a valuable asset to an engineer to determine
what changes would yield the greatest noise and vibration improvements.
Jei and Kim [11] propose new modal testing theory for rotor systems
based on mass, stiffness and damping. It is explained how negative frequency
characteristics have no meaning for non-rotating systems but yet the same non-
rotating theory is being applied to rotor systems were these characteristics do
have meaning. For this reason new theory is necessary. Whirl is another topic
addressed along with the modal theory.
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Testing in this thesis was accomplished by forced excitation through a
stinger. McConnell and Dong [15] address the effect of stinger stiffness on
modal testing. As discovered during the initial testing of this study, an overly stiff
stinger has the effect of adding stiffness to the structure being tested. The axial
stiffness is desired but the lateral stiffness should be kept to a minimum. When
a very stiff stinger is used, the acceleration of the point where the stinger is
attached to the structure is reduced, thus creating bad data. The greatest error
is created at resonant frequencies. This paper also explains how an overly
stinger can split one mode into two modes. This was also encountered in the
preliminary testing of this study. A steel stinger was used initially for the modal
testing. The effect was that the bending mode appeared at two separate
frequencies with the modes bending at 90 degrees apart. The stinger stiffness
definitely affected the structures stiffness and mobility. With modal testing
playing a strong role in most vibration analysis projects, this information is of
great interest.
One of the most interesting concepts in this literature review is that of
clearance bearings presented by Flowers and Fangsheng [7] and Lawen and
Flowers [1 3]. When analyzing some rotor bearing systems, mode shape
frequency location is unchangeable due to some design constraints. With this in
mind, the use of clearance bearings may help solve the problem. These
bearings do not touch the shaft during normal operating speeds. The bearings
do interfere with the shaft when a mode shape is encountered. Such an
example would be a system where a mode shape is located at a lower frequency
than that maintained while running the system. The use of the clearance
bearings helps keep the system stable during run up conditions. These
clearance bearings can also be useful when the rotor system has magnetic
bearings which are very delicate and cannot handle the excitation of the system
during run up. Figure 2-2 is a diagram of the computer simulation used in Lawen
and Flowers [13].
Flexible Shaft
N
7777T
Magnetic
Bearing
Rigid Disk
Auxiliary Bearing
With Clearance
./
,
}
7F77r Magnetic
Bearing
Figure 2.2: Computer simulation using clearance bearings
Gibson [8] discusses a modal analysis program which runs from
analytical data instead of experimental data. In essence, mode shapes can be
viewed from a mathematical model. As the author explains, there are many
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programs today which yield mode shapes from experimental testing but very few
yield mode shapes from mathematical models. This particular program allows
the operator to insert values for stiffness, mass and damping for the shaft, rotor,
bearings, and concrete slab that the system is mounted on. The immediate
changes can be viewed on the computer screen. The energy method is the
basis for this program.
Bearing noise is another issue of great concern to vibration experts.
Sankaravelu, Noah and Burger [1.9] present a numerical algorithm based on arc
length continuation technique that examines bearing chaos. Much work has
been done on nonlinearities of bearings due to fluid film or clearances but not
much has been done on bearing noise due to free play. The authors describe
how for a rolling element, as the cage rotates there is a varying number of
bearings under load. This provides for time varying bearing stiffness. This
method is compared to a direct integration technique which yields the same
results but takes about six times the CPU time. Bearing free play, under static
conditions, was cited as a possible source of noise in this thesis.
Bearing vibration performance is a very difficult task for engineers to
evaluate. Tiwari and Vyas [20] present a technique for estimation of bearing
parameters based on acceleration data. The technique requires no input force
for results. Based on the fact that accelerometer data can be taken off the
11
bearing caps this technique is useful. The authors compare the test results to
analytical results found in literature.
In conclusion, there are several papers found in literature today that deal
with rotor dynamics. Much of the work done is on mathematical models or
correlation of previous work. There is a certain portion of literature that is
dedicated to experimental testing or plain modal testing of rotor bearing systems.
The lack of material on experimental testing of products is probably hard to find
because most of this type of work is proprietary. Most published work came from
conference proceedings.
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3. THEORY
Compressor Flexible Degrees of Freedom
When discussing the mode shapes of the pulley-compressor system, rigid
body modes have to be mentioned. A rigid mode is where the system acts as a
rigid body and either vibrates in the X, Y or Z direction or rotates in the X, Y or Z
direction. Based on the fact that the compressor was suspended from elastic
chords, all six of the rigid body modes were found to be below 100 Hz. This was
important since this study was targeted for 200 to 1000 Hz. The modes of
interest in this study are flexible modes. Flexible modes are modes where some
degree of flexibility exists in the system. The two modes examined in this study
are first a bending mode and second an axial mode. On the basis that the only
modes of interest are the flexible modes, the system can be termed as a two
degree of freedom system. Also in theory there are infinite bending modes at
one frequency, due to the symmetry of the compressor. By this, it is meant that
the compressor and pulley will rock back and forth, relative to each other in any
direction. Figure 3-1 will help to visualize this concept. In the tests performed
for this study the shaker location ensured only one mode due to the mass
loading of the force transducer on the pulley. In the vehicle application, it is
predicted that the belt tension would also ensure only one mode.
When considering the theory involved in this thesis the most important
topic would be the systems relevance to a two degree of freedom model. Shortly
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after testing it was evident that the compressor pulley assembly could be
modeled this way. The pulley acts as the first lump of mass and the compressor
body acts as the second lump of mass. At the lower frequency of approximately
238 Hz on a standard pulley, a rocking or bending mode exists. Figure 3-1 is a
diagram of the bending two degree of freedom system. The axis of rotation for
the two masses is perpendicular to the page.
Bearing Torsional
StiFFness , Spring
0i
Pulley Compressor
Body
SIDE VIEW
FIG 3-1 : Bending Two Degree of Freedom System
A torsional spring would be located at the center of the two masses. Jtthen is
representative of the moment of inertia of the pulley about the center of the
bearings. J2 is representative of the moment of inertia of the compressor body,
also about the center of the bearings. Angular displacements of the two masses
are 0X and 02. This system can be modeled mathematically to yield equations
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which relate torsional stiffness, moment of inertias and natural frequencies. The
first step is to create free body diagrams for each mass. Figure 3-2 shows the
free body diagrams.
FIG 3-2: Free Body Diagrams of Bending Masses
Equations of motion can now be written for each mass. The assumption is made
that the system's center of gravity is at the center of the bearings in the pulley.
This is assumption is made to simplify the equations
^T = JA=K(92-ei)
^J = J202 = K(01-d2)
Assuming harmonic motion allows 0, and 02 to equal:
9X =
Axe"*
92 =
A2eio*
By then substituting these values into the two original equations we get:
A\(K-J,eo2)-KA2=0
A1(-K) + A2(K-J2o)2) = 0
(3.1)
(3.2)
(3.3)
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By setting the following determinant equal to zero, <y2can be solved for.
(K-Jxco2) (-K)
(-K) (K-J2o)z)
= 0 (3.4)
By letting a2 = X and by using values for J1 and J2 of 0.026 inlbsA2 and 1 .05
inlbsA2 the following characteristic equation is made. These values were actual
measurements which were selected to give relatively accurate answers. Note
that J1 can be expressed as 0.0247J2.
A2+4\3(K/J2)A = 0 (3.5)
With the use of the characteristic equation the two roots were found for equation
3.5. The first root being A = 0 and the second root (square rooted) being:
=
A1'2
= J4US(K/J2) (3.6)co
By substituting in 1.05 inlbsA2 for 72and using a frequency of 238 Hz (real
characteristics of a standard pulley), a torsional stiffness value of 5.67e4 inlb/rad
is obtained.
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It must also be noted that in theory there are infinite modes present at this
frequency of 238 Hz. As discussed earlier, the compressor pulley symmetry
allows the compressor to achieve bending in any direction. In reality the shaker
is attached at one edge of the pulley therefore forcing the displacement to be
greatest at that node. This insures that there is only one predominant mo'de at
that frequency. By substituting \ and A^ into one equation of 3.3, the mode
shape can be expressed mathematically as:
0 =
1 ^
^-0.024,
The physical mode shape can be viewed as in figure 3-3.
(3.7)
(NOT TO SCALE)
Figure 3-3: Bending mode shape
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The bending mode shape and axial mode shape ( to be discussed next )
are orthogonal to each other. For this reason they can be analyzed one at a
time as the torsional mode was just shown. For the bending mode shape the
calculations were made for a center of gravity in the center of the bearing race.
The second primary mode shape is strictly an axial mode. A diagram
which models the 700 Hz axial mode can be examined in Figure 3-4.
^X1
Pulley M_1
mm
-WvWWW-
h X2
M_2 Compressor
Body
FIG 3-4: Axial Two Degree of Freedom System
M_1 is the mass of the pulley and M_2 is the mass of the compressor. The
variables X1 and X2 are symbolic of the displacements of the two masses with
respect to their inertial references. The letter K represents the axial stiffness.
The motion is primarily in the axial direction. The effect of damping is negligible
and has been left out of the diagram. The axial vibration can be represented in
equation form and this will be discussed next.
First, free body diagrams must be constructed for both masses. Figure
3-5 shows both free body diagrams for the axial model.
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K(X1-X2) *
FIG 3-5: Free Body Diagrams ofAxial Vibration Masses
Now an equation of motion for each mass can also be formulated.
ytF=Mlx1 = K(xl-x1)
^F=M2x2 = -K(xx-x2)
(3.8)
Assuming harmonic motion allows values for x. and x, to be:
x, =
Axe'a
x2 A2e
(3.9)
By then substituting these values into the two original equations we get:
Ax(K-Mxco2)-KA2 =0
-Ax(K) +A2(K-M2a2) = 0
(3.10)
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By setting the following determinant equal to zero values for <y2can be solved
for, that satisfy both equations. Using actual values ( just for reasonable
answers ), M1 equals 2.99 lb and M2 equals 12.111b. Mass one can be
expressed as .246M2.
K-(.2469M2)co2 (-K)
=Q
(-K) K-M2co2
After letting co2- A and by multiplying out the determinant the following
characteristic equation is:
X2
-5.05(K/M2)A = 0 (3.12)
Next the quadratic equation is used to solve for two roots. The first being A = 0
and the second being ( square rooted ):
con =
A1'2
= J5.Q5(KI M2) (3. 1 3)
With 12.1 lb used for the mass of M2 and 700 Hz used for the standard pulley
axial natural frequency, a value for K is calculated to be 4.64e7 LB/in. Similarly,
values for K can be used in order to obtain predicted natural frequencies as was
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done for this study. By substituting values for Ax and A2 into one equation of
3.10, a mathematical mode shape is found to be:
0> =
( -O
1025. (3.14)
The physical mode shape is found in figure 3-6.
Ii
(US'
( NOT TO SCALE )
Figure 3-6: Axial Mode shape
The results of the modal analysis can be used in a forced response analysis to
obtain RMS accelerations. These are an indication of transmitted vibration
resulting in passenger discomfort. The next section deals with
this concept.
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RMS Acceleration Measurements
This technique provided one value to be representative of a broad range
(200-800 Hz) of acceleration output. The 200 to 800 Hz range was the targeted
range for this analysis. This test gives an engineer or analyst a technique to
represent an entire frequency range by a certain RMS value. The acronym RMS
stands for root-mean-square. Acceleration measurements were first squared,
then summed up and square rooted. Equation 3.15 represents the formula for
RMS. G^ is the autospectrum and N equals the number of frequency bins. The
k refers to the frequency bin.
jV-l
RMS =JSGxrr (3-15)
1 K=0
Sound Pressure
Sound pressure measurements serve as a way of ranking acoustical
noise. The compressor can be the object of focus for these measurements,
since the vibrations of the structure emit sound pressure waves.
Sound pressure is defined as 20 times the logarithm (to the base 10) of
the given sound pressure to the reference sound pressure of 20 micropascals
(pPa) . The unit of decibel is expressed as dB. The abbreviation of sound
pressure level is SPL. In equation form, Harris [9] has defined SPL as:
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Sound pressure level = 20LogX0(p 1 20micropascals) (3. 1 6)
When measuring sound pressure levels great care must be taken with
respect to microphone position relative to the object emitting noise to be
measured. Most sound sources exhibit definite directional characteristics; that is
they radiate greater sound in some directions than in others. This was the case
in the compressor pulley assemble. The pulley seemed to release the greatest
acoustical noise in the radial direction and the axial direction.
When discussing noise and the environment around the compressor it is
necessary to mention the concept of near field (near sound field) and far field.
Near field is the sound field close to a sound source (between the source and
the far field) where the instantaneous sound pressure and particle velocity are
not in phase. Far field is described as the portion of the sound field in which the
sound pressure level (due to the sound source) decreases by 6 dB for each
doubling of the distance from the source. All acoustical measurements in this
thesis are assumed to have been taken in the near field.
23
4. MATERIALS / APPARATUS
The equipment and materials used to test this component were all found
in the vibrations laboratory at Rochester Institute of Technology. The equipment
used for the modal testing was primarily of the PCB brand. This includes a PCB
model 482A17 power supply, PCB model 208B01 force transducer and a PCB
model 352B65 accelerometer. This equipment was interfaced through a PC
loaded with OROS-OR762 version 3.0 software. A Carver power amplifier
model TFM-15CB was used to drive a model V203 LDS shaker. The PC was
also equipped with SMS Star software which provided actual animated mode
shapes of the compressor. Figure 4-1 is a photograph of the PC and PCB power
supply located in the vibration lab.
Figure 4-1 : PC and power supply located in lab
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Figure 4-2 is a photograph of the compressor hanging from elastic cords
with the shaker attached to the force transducer (on the right) via a plastic
stinger. The force transducer is then screwed to a brass mounting stud which is
glued to the pulley at node 6. In the same photograph the accelerometer is
visible on the left side of the pulley at node 8. The accelerometer is attached by
a press fit using wax. In the upper portion of the picture the shaker is partially
visible. Nodes 1 through 8 with the exception of node 1 can be seen in the
picture. Node 1 is on the back side of the compressor. These nodes are where
accelerometer data was taken.
Figure 4-2: Compressor hanging from elastic cords with force transducer
and accelerometer attached
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The following is a list of the node points along with their location and purpose.
Node# Location
1,2,3,4 compressor body
5,7,8 Surface of pulley
6 Surface of pulley
Purpose
R and Z dir. Accel, measurements
Z dir. Accel. Measurements
Driving Point and Z dir. Accel.
Measurement
Figure 4-3 is a photograph of a wider view showing the entire setup
hanging from a wooden frame. From this view it can be seen how the
compressor and shaker are suspended by elastic cords so as the restriction of
motion is kept very minimal.
"', . - -..y^., . ..
-v\ '..
iMvjyl.mtyiuiluilimm'>:*fo'Sfo
IJpfe'BtMPMffiiS .
Figure 4-3: Wide view of entire test setup
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Next is a close up shot of the shaker used to excite the structure. A much
closer view of the 1/4" plastic stinger is presented in figure 4-4. The stinger is
used to isolate lateral motion. The stinger is very rigid along the driving axis but
very flexible in other directions, isolating motion to 1-D
^-'h-Ah^
Figure 4-4: Shaker attached to pulley via plastic stinger and force
transducer
There are two more important pieces of equipment that need to be
mentioned . One is an anechoic box which was constructed by a former student
at RIT. The anechoic box is used so that only the compressor noise is
measured and not other noises in the room. The box is made of
1/2"
plywood
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and lined with special foam designed to absorb a high percentage of sound
waves that are emitted to the walls of the box from whatever is inside. The
boxes dimensions are 2 feet high by 2 feet wide by 3 feet long. Figure 4-5 is a
photograph looking down into the box from above.
Figure 4-5: Top view of anechoic box
The box does have a cover which is placed on top of the box in two
pieces. A speaker is located in one end of the box. For the testing in this thesis
the speaker is not used and simply covered by the anechoic foam. A close-up of
a piece of foam is shown in figure 4-6 to see the detail and design of the foam.
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Figure 4-6: (close-up of anechoic foam)
The last piece of equipment to be describe is the microphone which was
used to take sound pressure measurements inside the box. The exact device
name is an Audio Spectrum Analyzer. The model is IE-10A. This device was
obtained from the National Technical Institute of the Deaf located at RIT.
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5. METHOD / PROCEDURES
Modal Testing
The first tests to be run were modal tests using the Oros software and
Star software. Oros is a Windows based computer program that is capable of
data aquisition and modal analysis. Star is a curve fitting program that allows for
viewing of mode shapes. The test setup was such that the compressor was
suspended from the elastic cords as in Figure 4-3 of Section 4. This insured that
the restriction of mobility of the compressor was kept to a minimum. In earlier
testing it was proven that the compressor shell could be considered a rigid body.
This allowed for the mode shapes to be modeled with very few data points.
There were four points located on the front head of the compressor and four
points located on the face of the pulley. The four points on the front head of the
compressor were all spaced 90 degrees apart and located directly between the
mounting ears on the front head. The first of these numeric points is directly in
line with the control valve and the succeeding four are going clockwise when
looking at the compressor from the pulley. The last Four points are also spaced
90 degrees apart and are located on the face of the pulley approximately 2.8
inches from the center of the pulley. These measurement locations can be seen
in Figure 4-2.
A force transducer and shaker are fastened to the node directly above the
control valve on the pulley. The shaker is applying a force in the Z-direction or
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same direction as the shaft of the compressor. The input applied by the shaker
is generated in Oros and amplified by the Carver power supply. With the
accelerometer at any node the Oros program can generate a frequency
response function for that node point by monitoring the accelerometer as well as
force transducer on separate channels. The input used for this test was a
random multisine signal ranging from 0 to 2000 Hz. Random multisine consists
of bin-centered harmonics with random phase. For this reason windowing of
data is not required This eliminates errors due to leakage ( frequency
magnitude of neighboring bins reading higher than actual). The signal is
generated in Oros and sent to the Carver power amplifier which then drives the
shaker.
The accelerometer is moved from node to node to obtain twelve FRF's.
The are four FRF's associated with the pulley nodes (all in the Z direction).
There are eight FRF's associated with the compressor body nodes. The reason
for the extra number of FRF's per node is that for each of the four points on the
compressor body, an FRF is generated with the accelerometer in the Z direction
and the R direction (radial). This procedure provides twelve frequency response
functions. These files are then imported into the Star program which then
compiles them with respect to a preconstructed model. Once the program is run,
a single frequency response function is created. This one FRF is the sum of
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each individual FRF squared. This serves for one plot which can be used to
analyze each mode or peak as they are seen on the FRF, one at a time.
The method of curve fitting used was Global Curve Fitting. This method
is an extension of the Rational Fraction Least Squares Method ( RFLS). The
Global Curve Fitting method is a two step single degree of freedom method.
The single degree of freedom method means each and every modal peak must
be analyzed separately. The two steps involved are; first identify the peak and
obtain frequency and damping data, second obtain residues.
Richardson and Formenti [16] found a formulation for parameter
estimation from frequency response measurements. This same method is what
Star uses for it's parameter estimation, involved with the Global Curve Fitting
method. Previously parameter estimation on impulse response functions was
used instead of frequency response functions. The problem with this is a
common error called wraparound error, or time domain leakage. This is caused
by the truncation of FRF measurement which distorts the impulse measurement.
The RFLS polynomial method uses a fraction with a polynomial for the
numerator and another for the denominator. Equation 5.1 is the equation used
by Richardson and Formenti [16] for the RFLS method.
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The parameters that are in the numerator and denominator are those being
estimated. This method of RFLS polynomial estimation is fairly common to most
curve fitting programs today.
The two step curve fitting is popular because when the residues are
estimated the frequency and damping values are already recorded. This
process takes a little more time but it provides for more accurate results. Star's
output yields numerical values for mode shapes along with animated shapes of
the constructed model. The frequency response functions alone can tell you at
what frequency a mode exists but the Star program allows the viewer to
physically understand the structure's mode shape.
RMS Acceleration Measurements
The second type of test which is used in this thesis is one in which a Root
Mean Square (RMS) value is created for the four node points on the pulley's
surface. The values are generated by monitoring just the output channel or
specifically the accelerometer channel. The input signal to the structure is a
random multisine signal (white noise) from 200 to 800 Hz. Once again this input
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was used due to the initial information that there existed of a noise and vibration
problem in this frequency range. These values were chosen for good reason
and will be justified in the results section of this thesis.
The output channel is monitored from 0 to 2000 Hz. During data
acquisition in Oros the resolution was set to 2.5 HZ (801 lines). Therefore the
data is stored in tabular form with a real and imaginary value for each and every
frequency point. Thus there are 801 lines of information for each data set. The
real and imaginary values are squared and then summed. The square root of
this sum is taken and then all 801 values are totaled. Equation 3.15 in the
theory section shows the formula used for the calculation of the RMS values.
For every pulley which is tested four RMS values are obtained.
Acoustic Measurement Procedures
The procedure for this testing was rather simple. The compressor was
suspended from the elastic cords again and driven by the input from the shaker.
The input of the shakerwas kept constant at the standard random multisine
input. The new twist was that the compressor was hung approximately in the
center of the anechoic box. With the use of the sound pressure meter nine dB
values were obtained. Figure 5-1 is a picture of the test setup .
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FIG 5-1: Compressor Hanging in Anechoic Box
Figure 5-2 is a diagram of the box and the relative locations of the
measurements taken (measurements A through I).
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Figure 5-2: Sound Pressure Measurement Locations
A thin foam was applied around the shaker in order to muffle any audible noise
being emitted from the shaker. With two foam covers on the box the meter was
inserted into the box via a human hand and values were obtained. Eight
measurements made a cube around the compressor and a last measurement
was take approximately 18 inches directly above the pulley. The eight
measurements around the compressor were essentially in the four corners of the
box. Fourwere at the same elevation as the pulley and four were at the
elevation of the bottom of the compressor.
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6. DISCUSSION OF RESULTS
Two predominant mode shapes were identified that exist under 1000 Hz
with a standard pulley. With the use of a second pulley ( which is modified to
reduce mass and moment of inertia ) it is proven that the compressor pulley
assembly can be closely modeled as a simple two degree of freedom system.
This modified pulley also showed that stiffness values which were
mathematically calculated, based on the model, were correct. Rigid body
assumptions are made due to earlier testing. Other modifications are made to
the pulley in order to reduce the bearing free play inherent to a ball bearing.
Another set of results is the comparison of a standard pulley with that of the new
modified pulley (lower mass and lower moment of inertia) with respect to four
accelerometer measurements. These measurements are converted to one RMS
value for each node point. The last set of testing results are acoustic
measurements in which it is shown that theoretical damping of the compressor
pulley assembly reduces the emitted noise. In the next three sections a very
detailed discussion of each section us undertaken.
Modal testing
For this test the input signal by the shaker was a random multisine.
Twenty averages were taken to obtain the FRF's. The coherence for each piece
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of data was very close to one. Linearity was verified for the system by varying
the power supply gain. A uniform windowwas used for this analysis.
Shortly into testing, it was evident that the system had two predominant
resonances under 1000 Hz. The first was at approximately 238 Hz and the
second was at approximately 700 Hz. When looking at the animated results that
SMS Star provided it was evident that the lower mode was primarily a rocking
mode where as the pulley and compressor rocked back and forth in a bending
sense about the bearings which are in the pulley. The actual mode shape as
seen in the Star program is shown in figure 6-1 . As was seen in the theory
section, the compressor body displacement is far smaller than the pulley
displacement. Nodes 1 through 4 are on the compressor body and nodes 5
through 8 are on the pulley's face.
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Figure 6-1: Bending Mode Shape
The second mode shape being at 700 Hz is the most predominant and is purely
axial. By this it is meant that the motion of the pulley and the compressor body
are moving in the direction made by the main shaft of the compressor. Figure
6-2 is the actual results from Star for the axial mode shape.
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MFigure 6-2: Axial Vibration Mode Shape
Knowing that the standard environment of a compressor is exposed to
frequencies between 200 and 1 000 Hz, these modes if present in dynamic
conditions are definitely not good in terms of noise and vibrations. Dynamic
conditions are mentioned because as stated in the introduction the testing in this
thesis is all based on static testing and dynamic testing must be performed in
order to verify results. Unfortunately dynamic testing ( on vehicle or on a test
stand) was not available at the time of the thesis. With respect to the mode
shapes, their presence is not desired in this critical range. A good
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understanding of a two mass system is needed in order to manipulate the
modes to occur at desired frequencies. The theory behind such a system can be
found in the theory section of this thesis.
The mass and moment of inertia of a standard pulley were measured to
be 2.99 lb. and 0.026 inlbsA2 respectively. Also the mass and moment of inertia
of the compressor were measured experimentally to be 12.1 1 lb. and 1 .05
inlbsA2. The moments of inertia measurements were made by hanging the
objects from string and calculating their periods of oscillation. Moment of
inertia's were calculated about the hanging points. Moment of inertia's about
the bearing center of gravity were then calculated using the parallel axis
theorem. After the mass and inertia values were obtained, a value for bending
stiffness and axial stiffness were calculated.
Equation 6.1 has two forms, one for bending with a bending stiffness and
moment of inertia for mass and a second for axial vibration with an axial stiffness
and mass.
cox = P*=*5., &2=&SsL (6.1)
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The values obtained were 5.67e4 inlb/rad for torsional stiffness and 4.64e7 lb/in
for axial stiffness. Figure 6-3 is a photograph of a standard pulley already
mounted on a compressor and in a normal test environment.
Figure 6-3: Standard Pulley Mounted on a Compressor
A standard pulley was then taken to the shop and the outer diameter was
turned down on a lathe. Figure 6-4 is a photograph of the modified pulley.
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FIG 6-4: Modified Pulley with Reduced Mass and Moment of Inertia
The mass and polar moment of inertia was then remeasured to be 2.05 lb and
0.0145 inlbsA2. Using the bending and axial stiffnesses calculated previously
the new natural frequencies were then predicted to be approximately 317.0 Hz
and 818.7 Hz respectively. The parts we're reassembled and new data was
taken in the form of frequency response functions. These FRF's were then
imported into Star to check approximate frequency values and mode shapes.
The torsional mode occurred at approximately 298 Hz and the axial mode
occurred at approximately 800 Hz. These values provided for a torsional
percent difference of 6.4% and an axial percent difference of 2.4%. This clearly
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shows that the compressor pulley assembly can be modeled as a two degree of
freedom system.
The next twelve figures compare the FRF's of both the standard pulley
and the modified (reduced mass and moment of inertia) pulley. There are four
plots of the R direction taken off the sides of the compressor body and then
there are eight Z measurements. Four Z measurements are on the pulley and
four are on the compressor body.
In almost all of the plots the axial mode is extremely visible. The bending
mode is a little more difficult to identify. When these FRF's are compiled into
Star there are two visible peaks present. These plots allow for a point for point
comparison of the standard pulley versus the modified pulley. The reason for
the apparent noise in the FRF's will be addressed next.
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When examining the FRF's it is evident that there is a lot of unexplained
noise at all frequencies. At first this was thought to be testing error in the setup.
With several tests to confirm an initial theory it was clear the bearings and their
inherent free play were the cause of the messy plots. The same pulley that was
modified in mass and polar moment of inertia was then taken to the shop and the
dust covers that seal the bearing were removed. Using solvent, the grease in
the bearings were removed and eventually the bearings were flushed with
alcohol to ensure their cleanliness. Standard superglue was then applied to the
ball bearings with the intent of fusing them to the inner and outer race. Figure 6-
1 7 is a photograph of the bearings with out the dust cover.
Figure 6-17: Modified Pulley with Bearing Dust Cover Removed
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This ended the dynamic operation of those bearings but it also achieved the
goal of eliminating bearing free play. This was a legitimate option considering
that the compressor pulley assembly was being tested in a static form (not
rotating).
The pulley was then remounted on the compressor and the twelve data
sets were then retaken. The results of these test can be seen in the next twelve
figures of FRF comparisons. The figures show the noise or bearing free play as
predicted is almost entirely gone. For the most part the FRF's are very clean
with the ball bearings seized. What was not desired was that by applying the
glue the bearing stiffness was affected and therefore the two modes that were
found at 300 Hz and 800 Hzwere driven above 1000 Hz.
It should also be noted that at lower frequencies the glued pulley yielded
lower FRF magnitudes. This was due to the addition of stiffness as a result of
the superglue. A stiffer bearing would yield the same results. The next section
shows that this concept of increased bearing stiffness will also reduce RMS
values.
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RMS Acceleration Measurements
The results of this test are meant to show the difference in acceleration
output with the same input for a standard pulley versus a modified pulley. The
modified pulley has reduced mass and moment of inertia along with superglue
added to reduce bearing rattle and raise bearing stiffness. Prior to this study the
noise attributed to this compressor was found to be in the 200 Hz to 800 Hz
region. This particular test allows for a single number representation of the
vibration level found in this region.
A constant input was supplied by the shaker for both pulleys. The
specific signal was a random multisine ranging from the targeted 200 Hz to 800
Hz. The output from an accelerometer was recorded. This output was measured
four times on each pulley. Once at each of the same four nodes that were used
for the modal testing. These magnitude values were recorded by Oros every 2.5
Hz. RMS values were then calculated over the range of 200 to 800 Hz. The
equation used for these calculations is equation 3.15 in the theory section. The
values can be seen below in tabular form in figure 6-30.
Node
#
Standard
Pulley
Modified
Pulley
5 0.422971 0.022574
6 0.504885 0.382243
7 0.382375 0.054007
8 0.45625 0.440393
Figure 6-30: RMS Value Test Results
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By looking at the RMS levels, it is noted that two of the values changed
drastically, while the other two changed slightly. The reasoning behind this is
that the standard pulley has two modes present in the frequency window which
is being applied. Because of the axial mode at approximately 700 Hz, all four
nodes obtain substantial acceleration magnitudes. On the other hand the
modified pulley has no modes present in the targeted region of 200 Hz to 800
Hz. There is however an influence in the value because the torsional mode is
slightly above 1000 Hz. It makes sense that nodes 6 and 8 are of great
magnitude due to the shaker being attached to node 6. This ensures that the
bending mode will have maximum values at nodes 6 and 8. The result is nodes
5 and 7 are almost not moving or in this case are of order of magnitude 10 less.
In any case all RMS values went down with the modified pulley. The change in
mass and moment of inertia was found to effect the compressor pulley assemble
in a positive sense to reduce the amount of acceleration output.
Acoustics
As described in the procedure section of this thesis a compressor was
fitted with a standard pulley and suspended inside an anechoic box. The
compressor was then driven by a shaker. The signal was once again a random
multisine signal that ranged from 200 Hz to 800 Hz. The nine measurements
were then recorded for first a standard pulley and then second with the same
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standard pulley with a silicon caulk applied between the pulley and the body of
the compressor. This can be seen in figure 6-31 .
Figure 6-31: Compressorwith Caulk Applied for Theoretical Damping
The caulk impeded the rotation of the pulley versus the body of the compressor
but this was not a problem due to the static testing. The concept of the caulk
was to add theoretical damping to the structure. Obviously this is not practical
but it does test the concept of added damping. Figure 6-32 is a diagram of the
points were measurements were taken along with their point letters.
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Figure 6-32: Sound Pressure Measurement Locations
Figure 6-33 is the measurements for the two tests.
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Location of
point
Without
Damping
With
Damping
Effect of Damping
(neg denotes
quieter)
A -71 dB -74dB -3dB
B -69dB -73dB -4dB
C -70dB -73dB -3dB
D -69dB -73dB -4dB
E -71dB -74dB -3dB
F -73dB -74dB -1dB
G -72dB -74dB -2dB
H -72dB -74dB -2dB
1 -70dB -75dB -5dB
Figure 6-33: Sound Pressure Measurement Data
By looking at the right most column one can see that points A - D changed by 3
to 4 dB for the quieter. These points are corresponding to the same elevation as
the pulley in the box. This is were most of the noise is generated from the
system. This was clear when the microphone was moved around the
compressor freely. The values for points E through H also changed for the
quieter when damping was added, just not as much though. Points E through H
were at the same height as the bottom of the compressor shell. Location I
showed the greatest decrease in acoustic noise of 5 dB. This location is directly
above the pulley. As expected the greatest effect was found here.
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SUMMARY OF RESULTS
In summary of the data in this section the modal testing showed the
mathematical model that was used could very closely predict the performance of
the system. Percent differences of the predicted bending mode and axial mode
were both under 5% or within 20 Hz. The actual results obtained during modal
testing can be found in Table 6.1.
MODE
STANDARD
PULLEY
PREDICTED
MODIFIED
EXPERIMENTAL
MODIFIED
PERCENT
DIFFERENCE
BENDING 238 Hz 317 Hz 298 Hz 6.4 %
AXIAL 700 Hz 818 Hz 800 Hz 2.4 %
Table 6.1: Modal Test Results
Bearing noise was shown to be corrected by eliminating free play in the bearing.
RMS acceleration testing showed that for a targeted region the acceleration
output was reduced by modifying the mass, stiffness and moment of inertia of
the pulley system. The RMS test results can be seen in Table 6.2.
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Node
#
Standard
Pulley
Modified
Pulley
5 0.4229 g's 0.02257 g's
6 0.5048 g's 0.3822 g's
7 0.3823 g's 0.05400 g's
8 0.4562 g's 0.4403 g's
Table 6.2: RMS Test Results
Sound pressure measurements especially around the pulley were
reduced with the use of damping. Location I found directly above the pulley was
reduced by 5 dB with the application of the caulk. This is significant when
considering the initial sound pressure measurement was only 8 dB above silent
levels in the anechoic chamber. The sound pressure messurements can be
found in table 6.3.
Location of
point
Without
Damping
With
Damping
Effect of Damping
(neg denotes
quieter)
A -71 dB -74dB -3dB
B -69dB -73dB -4dB
C -70dB -73dB -3dB
D -69dB -73dB -4dB
E -71 dB -74dB -3dB
F -73dB -74dB -1dB
G -72dB -74dB -2dB
H -72dB -74dB -2dB
1 -70dB -75dB -5dB
Table 6.3: Sound Pressure Mesurements
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Although not measured, added damping will also reduce RMS levels. Structural
damping was not reported previously, however it will decrease RMS amplitudes
in the pulley as it is increased. Sound pressure measurements and RMS
measurements are both reduced when damping is added due to the reduction in
mode shape amplitude.
Obtaining a stiffer bearing or one that has higher damping characteristics
will likely reduce the RMS levels of vibration and acoustical noise of this system.
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7. CONCLUSION
A standard automotive air conditioning compressor was analyzed
statically to attempt to find possible sources of noise and vibration. A frequency
window of 200 Hz to 1 000 Hz was targeted for this study. Two distinct mode
shapes were found in this region. One being a bending mode and the other
being an axial mode. There is apparently some bearing flexibility which allows
for these mode shapes. With a reduced mass and reduced moment of inertia
pulley it was proven that the system could be very accurately modeled as a two
degree of freedom system. Mathematical predictions were made on where the
bending mode shape and axial mode shapes would be located with the modified
pulley. Experimental testing showed the predictions to be within 5% or 20 Hz.
By seizing the bearings in the pulley it was also shown that bearing free
play was a major cause of vibrational noise. Frequency response functions were
found to be much cleaner with the bearing free play eliminated. With the use of
a constant input force the modified pulley with bearing rattle eliminated was
found to yield lower RMS accelerometer values than a standard pulley, in the
targeted 200 Hz to 800 Hz region.
With the use of a sound pressure meter and an anechoic chamber a
standard compressor was tested. A constant force was input and sound
pressure measurements were taken in various places in the chamber. A silicon
caulk was applied to the compressor between the body and pulley to add
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theoretical damping. The compressor was then retested and found to emit a
lower sound pressure level. On the average values went down from 3 to 4 dB.
Some or these concepts obviously would not have been possible with dynamic
testing but by this means of static testing the concepts could be tested for
theoretical purposes.
80
8. FUTURE RECOMMENDATIONS
There are several recommendations to be made as a result of this study.
The first recommendation is that the concepts in this study should be backed up
by dynamic testing of some sort to ensure validity. Unfortunately at the time of
this thesis dynamic testing was not an option. This may have worked out for the
better since the idea of bearing free play reduction and damping would not have
been so easy to apply in a dynamic situation. Some consideration must be
taken before dynamic testing can be done to back up this work.
Concepts which might be investigated are possibly higher performance
bearings or preloaded bearings. This might effect bearing noise and or effect
bearing stiffness. Another suggestion would be to investigate practical methods
of damping. At first thought this is a tough problem and research needs to be
done in this area. Keeping in mind that damping would definitely reduce RMS
amplitudes and noise, this is an interesting concept. Lastly with the juggling of
masses and moment of inertia's the modes that have been identified can be
shifted. Bearing stiffness also has an impact on these modes. A good
understanding ofwhat frequency ranges are present in the compressor's
environment is necessary in order to properly position mode shapes at some
frequency. Once again the dynamic testing of these concepts needs to be
examined before changes are made!
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